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ABSTRACT
Flexures are mechanical devices able to transfer mechanical input through elastic deformation
of the monolithic body, being compliant in some
degrees of freedom and sti↵ in others. This paper
provides details about the design and analysis of a
novel flexible joint for a space mechanism concept
developed by Thales Alenia Space in the UK. The
specific mechanism requires the flexures to provide
the load bearing capability during launch, and to
guarantee an adequate level of compliance and accuracy during the operation phase. These competing requirements have been simultaneously satisfied by devising a flexible joint in which the in-plane
and transverse bending e↵ects are decoupled due
to the geometry of the flexures. A novel analytical
model that describes the bending behaviour of flexible joints made of a set of orthogonal thin blades
is here presented, providing the designer with a robust tool for the accurate analysis and the quick
parametric study of two-degrees-of-freedom flexible
joints.

1

INTRODUCTION

Flexures are monolithic joints that transfer mechanical input via elastic deformation and without moving parts. Due to their high sti↵ness-toweight ratio and no tribology requirements, flexures can be considered as potential alternatives
to more conventional mechanical joints, such as
rolling and sliding bearings, especially in the space
industry [1–5]. A study of the literature shows that
flexible joints have been extensively used in several
concepts where bearing life and kinematic repeata-

bility [6–8], high accuracy and resolution [9–11] and
sti↵ness characterisation [12] are the critical design factors. Moreover, flexible joints can be manufactured using 3D printing [13] or wire electrodischarge machining [14] techniques, reducing design complexity, cost and processing stress.
This paper provides details about the design and
analysis of a novel two-degrees-of-freedom flexible
joint for a space mechanism concept developed by
Thales Alenia Space in the UK. The specific mechanism here illustrated requires the flexures to have
two distinct and competing characteristics: to provide a preload capability during launch, and to
guarantee an adequate level of compliance during the operation phase, without compromising the
accuracy and lifetime of the mechanism. In the
present study, these requirements have been simultaneously satisfied by devising a flexible joint in
which the in-plane and transverse bending e↵ects
are decoupled due to the geometry of the flexures.
An analytic study of the characteristic planar and
transverse dimensions of the flexures has been formulated in order to identify feasible points in the
design space. The maximum allowable stress due to
the quasi-static vertical load in the launch phase,
and the maximum allowable in-plane stress that
guarantees the prescribed number of cycles during
the operation phase, have been identified as design
constraints. The aim of this paper is therefore to
provide the designer with the necessary tool for the
accurate and efficient parametric analysis of twodegrees-of-freedom flexible joints for space applications.
This paper is structured as follows. In Section 2,
relevant mission requirements are reported in order to identify the design characteristics of the flexures. In Section 3, the proposed analytical model is
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presented, details about the modelling assumptions
are provided together with the flexures design procedure. In Section 4 the proposed analytical model
is benchmarked against a Finite Element (FE) simulation through an exemplary case study. Finally,
Section 5 concludes the paper.

2

PROBLEM DEFINITION

The flexible joint herein presented has been designed in order to compensate foreshortening effects resulting from the tip and tilt kinematics of
space mechanisms that use a combination of pivots and linear devices as systems of actuation. A
detailed description of the mechanism here considered goes beyond the purpose of the present paper. However, it is important to visualise the flexures working principle in order to define the load
cases. In Figure 1, a conceptual image of the assembled mechanism is illustrated. The flexures
are directly mounted on the tilting plate and are
connected to the linear actuators through a central bearing. The linear actuators provide vertical displacements only, and therefore the tip and
tilt rotations of the supported plate with respect
to the fixed pivot point are achieved by driving
the pair of linear actuators in synchronous or antisynchronous, as shown in Figures 1b and 1c respectively. Given a tip\tilt angle , the foreshortening e↵ect is equal to D (1 cos ), where D is
the distance of the linear actuator from the pivot
point. In order to compensate such e↵ects, typically a combination of linear and spherical bearings is used, resulting in several tribology limitations [3, 4]. By using flexures, the linear actuator is directly connected to the tilting component,
and foreshortening e↵ects are compensated by elastic deformation of the flexible joint. Furthermore,
space mechanisms often require Hold-down and Release Devices (HRD) to withstand quasi-static and
dynamic loads during launch, with a consequent increase in design complexity and cost [15,16]. In the
present study, the load-bearing capability provided
by HRDs is alternatively achieved by preloading
the linear actuators, so that the tilting surface is
maintained in contact with the spacecraft throughout the launch phase. Once in orbit, preload is
released and the mechanisms is deployed. Therefore, alongside the foreshortening e↵ects, the flexible joints in this study have been designed also to
withstand the vertical preload during launch phase.
The particular topology of the flexures presented
in this study provides the necessary load bearing
capability at launch, and the level of compliance
during operation phase, as it will be clear in the

remainder of this paper.

3

METHODOLOGY

In this section, the proposed design methodology is illustrated. The specific mission requires the
flexures elements to withstand preload during the
launch phase, and to provide a sufficient level of
compliance during operation, in order to compensate foreshortening e↵ects due to tip and tilt of the
mechanism. The specific geometry of the flexures
allows the transverse and in-plane e↵ects to be decoupled, thereby the relevant geometrical parameters can be designed and analysed separately. In
particular, the remainder of this section shows how
the flexure length L and thickness h determine the
joint performance during operation phase, whereas
the number n of flexible elements and their width
b determine the flexures sti↵ness during preload.

3.1

Operational phase

Assuming a state of plane stress, the transverse
displacements of a plate built-in at one end and
with a rolling shear connection at the opposite
edge, can be approximated by the deflection of
an elastically-equivalent beam if the plate is sufficiently thin compared to the in-plane characteristic
dimensions [17]. With reference to the set of blades
A in Figure 2b and 2d, the maximum deflection of
n parallel blades having length L, width b, thickness h and subjected to an uniformly distributed
tip load P is, as adapted from reference [17],
A

=

P L3
,
nEbh3

(1)

where E is the Young’s modulus of the material.
The corresponding maximum bending stress A
due to the distributed tip load P in the set of blades
A is
3P L
.
(2)
A =
nbh2
In the present case study, mission requirements
prescribe the transverse displacements A . Therefore, by expressing the transverse load P as a function of the displacements A using Equation (1),
Equation (2) becomes
A

=

3

A Eh
,
L2

(3)

which describes a displacement-controlled stress
distribution into the flexible elements. It is interesting to observe that the bending stress expressed
in Equation (3) are no longer a function of the number of blades n, as it was the case for Equation (2).

(a)

(b)

(c)

Figure 1: Conceptual representation of the baseline actuation systems in order to visualise the kinematics of the
flexures. The flexures (in grey) are connected to the moving surface (in yellow) and to the linear actuator (in green)
through the central bearing. When the linear actuators are driven in synchronous (Figure 1b), the moving plate tips
about the fixed pivot (in red). By driving the actuators in anti-synchronous, the moving plate tilts about the fixed
pivot (Figure 1c).

In the present case study, Titanium Ti-6Al-4V
alloy has been considered for flexures design, due
to its mechanical and thermal insulating properties.
Ti-6Al-4V has Young’s modulus E = 114GPa and
Poisson’s ratio ⌫ = 0.34 [18]. Furthermore, typical mission requirements specify the fatigue limit
of the component in operation phase. Without loss
of generality, here we assume ⇠ 104 complete cycles at maximum displacement A = 0.004m. Figure 3a, obtained from Equation (3), provides the
flexures design space as a function of the flexure
length L and flexure thickness h, for a Titanium
Ti-6Al-4V alloy set of blades subjected to a transverse displacements A = 0.004. The colour bar in
Figure 3a highlights the region of the design space
where max  400MPa, which guarantees ⇠ 104
cycles during operation life [18].
The next step of the design procedure consists in

verifying the maximum displacement and bending
stress in the set of blades B. With reference to Figure 2e, the transverse load P applied to the sets of
blades A induces a resulting tension W into the set
of blades B. Therefore, the maximum displacement
in the set of blades B, adapted from reference [17],
is
WL
,
(4)
B =
P
where
=1
and
↵=

r

1
tanh ↵
↵

(5)

3P L2
.
nEbh3

(6)

Note that, without loss of generality, here we assume equal magnitude of the tip and tilt rotations,
and therefore we assume A = B = and equal

(a)
δB
h

L

T

h

δA

b

b
L

L

Central Bearing

Set of Blades A
Set of Blades B

(b)

(c)

δA

δB

W
h

P

L
h

L

(d)

(e)

Figure 2: Conceptual design of the complete flexure elements (Figure 2a) showing the sets of orthogonal blades A
(in yellow) and B (in blue) and the central bearing. Figures 2b and Figures 2c show a schematic of two sets of n = 2
orthogonal blades. Figure 2b shows the load case for the flexible joint during operational phase. Load cases and BCs
are also reported in details in Figures 2d and 2e for the sake of clarity. Figure 2c shows the vertical preload T and
BCs during launch phase. Note that, since the flexure elements are symmetric with respect to the central bearing, it
is sufficient to consider only two sets of orthogonal blades for the quasi-static analysis.
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Figure 3: The plot in Figure 3a represents the design space as a function of the flexure length L and thickness h
that define the bending stress in the blades due to the applied displacements A as per Equation (3). Similarly, the
plot in Figure 3b represents the design space as a function of the number of blades n and of the flexure width b that
define the twist stress due to preload as per Equation (9). The contour plots and the relative colour bar reported in
Figures 3a and 3b define, respectively, the regions of the design space that guarantees positive Margins of Safety in
terms of fatigue and quasi-static loads for the specific case study here analysed.

length L and thickness h for both sets of blades A
and B. Therefore, the maximum bending stress B ,
as adapted from reference [17], is
B

=

3W L
P
,
tanh ↵ +
n↵bh2
nbh

(7)

that, combining Equation (2) and Equation (4),
becomes

h
.
(8)
tanh ↵ +
=
B
A
L ↵
3 L2
It is interesting to observe that, given the specific
design parameters of the present study, B / A is
always smaller than one, as stress relaxation occurs
in the set of blades B due to the planar load W . As
a result, the second step of the design procedure is
automatically verified.
Since the operational phase is displacements controlled, the values of bending stress is not a function of the number of blades, as shown in Equation (3) and Equation (8). The number n of blades
a↵ects, alongside the design redundancy and kinematic consistency, the actuation force required to
achieve a prescribed displacement, as per Equation (1), and the flexures torsional sti↵ness during
the launch phase, as it will be clear in the remainder of this section.

3.2

Launch phase

Given the prescribed displacements, the procedure illustrated in Section 3.1 allows the designer
to identify a suitable combination of blade length
L and blade thickness h that guarantees positive
Margins of Safety (MoS) in terms of quasi-static
and fatigue stress. In this section, by preloading
the flexures, the value n of number of blades and
the blade width b will be determined. With reference to Figure 2c, the preload T applied to the set
of blades A results into a torsion moment M = P L
into the set of blades B. Here it is assumed that
the in-plane shear sti↵ness of the blades is several
orders of magnitude larger than their torsional sti↵ness, and therefore the sizing procedure focuses on
the set of blades B, as a relatively small shear deformation occurs to the set of blades A.
The maximum torsional stress ⌧max in a set of n
parallel thin plate having length L, width b, thickness h, due to a torsional moment M = T L is [17]
⌧max =

Mh
,
2nJ

(9)

where J = bh3 /3 is the blade torsional sti↵ness.
Figure 3b shows the second design space of the
present analysis, as per Equation (9). The max-

imum torsional stress ⌧max is evaluated as a function of the blade width b and number of blades n.
Results have been obtained by applying a vertical
load T = 1100N on each pair of two orthogonal
set of blades, and by selecting L = 0.045m and
h = 0.0005m from Section 3.1. Typically, the Titanium alloy Ti-6Al-4V has ultimate strength of
900MPa [18], which reduces to a design load of
600MPa by applying a safety factor of 1.5. Therefore, similarly to Figure 3a, the colour bar in Figure 3b highlights the feasible design space that
guarantees the prescribed fatigue life of the flexures.

4

RESULTS

The proposed analytical model has been benchmarked by implementing the exemplary case study
illustrated in Sections 3.1 and 3.2 in a Finite Element Model (FEM) using Patran\Nastran. The
flexure elements herein analysed consists of two
sets of n = 5 orthogonal blades, having length
L = 0.045m, width b = 0.04m and thickness h =
0.0005m. The FEM consists of 104675 CT ET RA
elements, which provides convergence of results;
any further increment in the number of mesh elements does not provide significant improvement
of results, i.e. within 1% in terms of both stress
and strains.
During launch phase, the applied preload is T =
1100N/2 per each set of orthogonal blades. With
reference to Figure 1, the vertical preload due to
the linear actuators is applied at the central bearing of the flexures. In the FEM, the presence of
the linear actuator has been simulated with Rigid
Body Elements (RBE2), and the preload has been
applied at the central node of the RBE constraints.
In-plane and transverse Degrees of Freedom (DoF)
at the tip of the flexure have been constrained in order to simulate the connection with the supported
plate. Figure 4a shows the results in terms of von
Mises stress obtained with the FEM for the preload
phase. Maximum von Mises stress obtained with
the FEM is 361MPa, which is in agreement with the
proposed analytcal model that provides a value of
maximum bending stress of 360MPa, as per Equation (9).
During operational phase, the tip/tilt rotations
of the moving plate have been simulated by simultaneously applying a transverse displacement
= 0.004m to the tip of the sets of blades A, and
a transverse displacement = 0.004m to the tip
of the sets of blades B, as depicted in Figures 2d
and 2e. Vertical and in-plane displacements are
constrained at the central bearing in order to simu-

late the presence of the linear actuators. Figure 4b
shows the results in terms of von Mises stress obtained with the FEM for the launch phase. Maximum von Mises stress obtained with the FEM is
342MPa, which is in agreement with the proposed
analytcal model that provides a value of maximum
bending stress of 341MPa, as per Equation (3).

5

CONCLUSIONS

In this paper, a novel flexible joint for space
mechanisms has been presented. The specific flexures geometry here proposed provides the load
bearing capability of the flexible joint at launch,
and an adequate level of compliance during the operation phase. These competing requirements have
been simultaneously satisfied by devising a flexible
joint in which the in-plane and transverse bending e↵ects are decoupled due to the geometry of
the flexures. An anaytical model has been provided that separately investigates the geometrical
quantities that define the joint performance during
launch and operation phase, therefore allowing for
an accurate design and a quick parametric study of
the flexures elements.
Future work will validate experimentally the results obtained in the present study in terms of
quasi-static loads and fatigue life. The experimental data will assess the robustness of the concept and will provide additional feedback to refine
the analytical model, eventually identifying areas
of potential improvement for the proposed design.
Moreover, the experimental setup will also provide
feedback in terms of pointing response of the assembled mechanism, therefore assessing the consistency of the flexures in terms of kinematics and
load-bearing capability.
Despite the bespoke design for the specific mechanism developed by Thales Alenia Space in the UK,
the overall concept presented in this paper is of general validity, and therefore the design criteria and
the physical insights reported in the present study
can be implemented for a wider range of mechanisms applications where bearing life, thermoelastic strains and tribological e↵ects are the critical
design factors.

(a)

(b)
Figure 4: Von Mises stress due to the preload T during launch (Figure 4a) and to the applied displacements
the x and y-axes during operational phase (Figure 4b).
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